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Abstract

Experimental investigations were conducted to determine the condensation heat transfer and pressure drop of refrigerant R134a in
annular helicoidal pipe at three inclination angles. The experiments were performed with the Reynolds number of R134a ranging from 60
to 200, and that of cooling water from 3600 to 22000; temperatures of R134a at 30 �C and 35 �C, and cooling water at 16 �C, 20 �C and
24 �C. The experimental results indicated that the refrigerant Nusselt number was larger at lower refrigerant saturation temperature, and
would increase with the increase of mass flow rates of refrigerant and cooling water. It was found that the refrigerant heat transfer coef-
ficient of annular helicoidal pipe could be two times larger than that of equivalent plain straight pipe when the refrigerant Reynolds num-
ber was larger than 140. Comparison with identical helicoidal pipe with opposite flow channel arrangement revealed that the refrigerant
heat transfer rate was larger when the refrigerant was flowing in the annular section at the cooling water Reynolds number larger than
4000, but the pressure drop was always larger in this flow channel arrangement.
Published by Elsevier Ltd.
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1. Introduction

Helicoidal pipes have been extensively studied and used
in a variety of engineering areas, such as refrigeration, air
conditioning, nuclear power generation, petrochemical,
pharmaceutical and aerospace industries, due to their high
efficiency in heat transfer and compactness in volume.

Uddin et al. [2] experimentally determined the variation
of local condensation heat transfer coefficient of R134a in
helically coiled tubes and reported that the local condensa-
tion heat transfer coefficient increased with the decrease of
helical coil and tube diameters. Zaki et al. [3] conducted
experimental investigations of condensation heat transfer
of R134a flowing inside helicoidal pipes, and reported that
the average condensation heat transfer coefficients could be
enhanced compared with that inside straight smooth tubes.
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Kang et al. [4] experimentally studied the heat transfer and
pressure drop characteristics of R134a in helicoidal pipes
and provided heat transfer correlations from the experi-
mental data. It was also reported that with the increase
of cooling water Reynolds number, the refrigerant heat
transfer coefficients decreased. Yu et al. [5] experimentally
investigated the condensation heat transfer of R134a in a
helicoidal pipe and reported that the orientation of helicoi-
dal pipe has a significant effect on both refrigerant and
overall heat transfer coefficients. Recently, Wongwises
and Polsongkram [6] reported experimental study of con-
densation heat transfer and pressure drop of HFC-134a
in a helically coiled heat exchanger with larger mass flow
rate than Kang et al. [4].

Annular helicoidal pipes could not only provide more
compactness in volume, but also controlled main flow
and secondary flow due to the inner-wall boundary effects,
making the friction factor and heat transfer characteristics
different from straight circular tubes [7]. Garimella et al. [8]
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Nomenclature

A heat transfer area, m2

B pitch of helicoidal pipe, m
Cp specific heat, J/(kg �C)
d tube diameter, m
D coil diameter, m
ft friction factor
G refrigerant mass flux, kg/(m2 s)
hfg latent heat, kJ/kg
H heat transfer coefficient, W/(m2 �C)
K thermal conductivity, W/(m �C)
Nu Nusselt number
P pressure, Pa
Pr Prandtl number
Q heat transfer rate, W
R heat transfer resistance of tube wall, m2 �C/W
Re Reynolds number
T temperature, �C
U0 overall heat transfer coefficient, W/(m2 �C)
_V volumetric flow rate, m3/s
z coordinate in z-direction, m

Greek symbols

q density, kg/m3

b inclination angle of the test section

/ pressure drop multiplier,
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðdp

dz Þf=ð
dp
dz ÞLðGÞ

q

v Lockhart–Martinelli parameter,
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðdp

dz ÞL=ð
dp
dz ÞG

q

Subscripts

1 internal tube; condition 1
2 external tube; condition 2
crit critical
f refrigerant
in inner tube
out outer tube
s saturation
w water
wall wall condition
D pressure drop
G vapor phase
L liquid phase; laminar flow
T turbulent flow
Tr transitional flow
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investigated the forced convection heat transfer in coiled
annular ducts for laminar and transition flows, and
reported that coiling augments the heat transfer coefficients
above the values for a straight annulus especially in the
laminar region. Choi et al. [9] numerically studied the
steady laminar flows in coiled annular ducts and observed
the evolution of secondary flow and the effect of radius
ratio on the flow development. It was concluded that the
flow in a curved annular duct is not necessarily fully devel-
oped earlier when the radius ratio was larger owing to the
complicated interaction between the viscous and centrifu-
gal forces. For annular helicoidal pipe, the experimental
results of Xin et al. [10] indicated that the single-phase
and two-phase flow pressure drops in annular helicoidal
pipe differ from that in helicoidal pipe with a circular
cross-section. To the authors’ knowledge, condensation
heat transfer in annular helicoidal pipe has not been stud-
ied in open literature.

In this paper, the condensation heat transfer and pres-
sure drop of refrigerant R134a in annular helicoidal pipes
were investigated experimentally to further the study on
the characteristics of annular helicoidal pipe flows. A series
of experiments were carried out with the test section orien-
tated at three different coil axis angles, 0� (horizontal), 45�,
and 90� (vertical). The refrigerant saturation temperature
and mass flow rates of refrigerant and cooling water were
varied to investigate the effects of these parameters. Com-
parisons of condensation in equivalent smooth straight
pipe and helicoidal pipe were also conducted for the perfor-
mance evaluation of the annular helicoidal pipe flows.

2. Experimental system

A schematic representation of the experimental system
for condensation heat transfer in annular helicoidal pipes
is shown in Fig. 1. The system consists of two loops: a
refrigerant loop and a water loop. Liquid refrigerant was
pumped from a storage tank to a boiler with a positive dis-
placement pump, which allows oil-free circulation in the
refrigerant loop. A bypass was installed between the pump
outlet and the storage tank to regulate the refrigerant flow
to the boiler. The refrigerant was heated from liquid state
to vapor with temperature-controlled electric heaters. A
superheater was connected to the outlet of the boiler to
heat the refrigerant to a temperature slightly higher than
the saturation temperature to maintain the saturation tem-
perature of refrigerant at the entrance of the helicoidal
pipe. When the superheated vapor flowed through a flow
meter, its mass flow rate was measured. After the flow rate
measurement, the refrigerant vapor entered the helicoidal
pipe test section, where cooling was applied and condensa-
tion heat transfer occurred. The vapor may be fully con-
densed, or some vapor may remain at the exit of the
helicoidal pipe, depending on the cooling conditions. A
helicoidal post-condenser, identical to the test section con-
figuration, was installed downstream of the test section to



Fig. 1. Schematic diagram of the experimental facility.
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cool down any remaining vapor. After the refrigerant was
fully condensed to liquid state, it returned to the storage
tank to complete the refrigerant loop. The cooling water
was introduced from the water storage tank, where the
water temperature was controlled and kept constant by a
chilled water circuit. The cooling water was adjusted by a
bypass and pumped into the test section and the post-con-
denser. The water flow rate was measured by a flow meter.

The temperature and pressure of the refrigerant and
cooling water were measured at different locations, as
Fig. 2. Test section of the a
shown in Fig. 1. All the readings were collected and stored
by the data acquisition system of LabVIEW for data pro-
cessing and reduction. In addition, two sight glasses were
installed at the exits of the helicoidal pipe test section
and post-condenser to observe the flow patterns, and the
whole experimental system was thermally insulated from
the surroundings by a 50 mm thick glass fiber blanket.

As shown in Fig. 2, the test section was composed of
annular helicoidal pipes, where the refrigerant flowed in
the annular section between the inner and outer tubes,
nnular helicoidal pipe.
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and the cooling water in the inner tube in a counter-flow
direction of the refrigerant. Both the inner and outer tubes
were made of copper. The tube-in-tube test section were
constructed by a commercial manufacturer specialized in
heat exchangers with proprietary techniques. Sampled test
section was cut and inspected to ensure the cross-section of
the helicoidal pipes are circular and annular. The inner
diameter of the inner tube measured 9.4 mm, while that
of the outer tube measured 21.2 mm. The space between
the inner and outer tubes measured 8.5 mm. The coil diam-
eter measured 177.8 mm, and the pitch of the helicoidal
pipe measured 34.9 mm. The number of turns in the heli-
coidal pipe totaled 10. As depicted in Fig. 2, the inclination
angle b = 90� corresponds to the vertical position of the
test section. The pipe length at different inclination angles
is the same.

After the experimental system was thoroughly checked
for leakage, the refrigerant R134a was charged into the sys-
tem. All T-type thermocouples used for temperature mea-
surements were first calibrated before installation against
a precision thermometer with an accuracy of ±0.1 �C,
and calibrated again in situ at three different temperatures
between 20 �C and 60 �C after installation. The measure-
ment accuracy of the thermocouples was determined as
±0.2 �C. The pressure transducers had a measurement
uncertainty of ±0.25%. The flow meters measuring the
mass flow rates of the refrigerant and the cooling water
had an uncertainty of ±0.2%. In each test case, energy bal-
ance was calculated to verify whether the system had
reached steady state. After the system had operated for
more than 40 min, the energy balance deviation would be
within ±10%, indicating the establishment of steady state.

Once the steady state was reached, readings of the tem-
perature, pressure, flow rate were recorded continuously by
the data acquisition system for five minutes, and the
obtained values were averaged for data reduction. All ther-
mophysical properties of the water taken from NIST [11],
and that of refrigerant R134a from ASHRAE handbook
[12] were correlated into a computer program to facilitate
the data reduction.

3. Data reduction

The total heat absorbed by the cooling water can be cal-
culated by

Q ¼ _V wqwCpwðT w;out � T w;inÞ ð1Þ

Based on Newton’s cooling law, the overall heat transfer
coefficient can be determined through

Q ¼ U 0ADT LMTD ð2Þ
Thus,

U 0 ¼
_V wqwCpwðT w;out � T w;inÞ

ADT LMTD

ð3Þ

where DTLMTD is the logarithm mean temperature differ-
ence (LMTD) defined as
DT LMTD ¼
ðT f;out � T w;inÞ � ðT f;in � T w;outÞ

ln½ðT f ;out � T w;inÞ=ðT f ;in � T w;outÞ�
ð4Þ

From the overall heat transfer coefficient, the refrigerant
side heat transfer coefficient Hf can be determined by

H f ¼
1

1
U0
� 1

Hw
� R

ð5Þ

where R denotes the heat transfer resistance of the inner
tube, and Hw represents the cooling water heat transfer
coefficient, determined by

Hw ¼
Nuwkw

d in;1

ð6Þ

where Nuw stands for the Nusselt number of the cooling
water. A similar method as summarized in Ref. [4] was
used for the calculations of Nuw.

From Eq. (5), the refrigerant Nusselt number can be cal-
culated via Nuf = Hfkf/(dout,1 � din,2), where dout,1 � din,2 is
the hydraulic diameter of the annular cross-section. Simi-
larly, cooling water Reynolds number is Rew = qwuwdin,1/
lw; while refrigerant Reynolds number is Ref = mf(dout,1 �
din,2)/lf, where mf is the mass flux of refrigerant per unit
area.

The current formula used for pressure drop data reduc-
tion in terms of liquid and vapor phase pressure drop mul-
tipliers, /L and /G, and the Lockhart–Martinelli
parameter v, was found not accurate for the present con-
densation problem in annular helicoidal pipe. A detailed
discussion of pressure drop data reduction are provided
in the Section 4.2.

The uncertainty analysis for this experiment was con-
ducted through the method recommended by Moffat [13].
Based on the measurements of different variables, the
uncertainty of water Reynolds number was estimated to
be less than ±1.5%. The overall heat transfer coefficient
displayed an uncertainty of ±9.4%, while the water heat
transfer coefficient and refrigerant heat transfer coefficient
had uncertainties of ±5.4% and ±15.5%, respectively.

4. Results and discussion

A series of test cases were performed with the Reynolds
number of the cooling water ranging from 3600 to 22000,
and that of refrigerant R134a from 60 to 200. The satura-
tion temperatures of R134a were 30 �C and 35 �C, and the
cooling water temperatures were 16 �C, 20 �C and 24 �C.
The test section was oriented at three different angles, 0�
(horizontal), 45�, and 90� (vertical). Effects of temperature,
flow rate and orientation were studied individually by vary-
ing only one parameter in each test case with all others kept
constant.

4.1. Heat transfer characteristics

Effect of refrigerant saturation temperature on the heat
transfer performance was studied by maintaining the cool-
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Fig. 3. Nusselt number vs. Reynolds number for refrigerant R134a at
Tw = 20 �C. (a) b = 0�; (b) b = 45�; (c) b = 90�.
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ing water temperature fixed at Tw = 20 �C and the cooling
water flow rate fixed at 2.2 GPM (gallons per minute).
When the refrigerant saturation temperature was set as
Ts = 30 �C and 35 �C, respectively, the orientation of the
test section was adjusted to b = 0� (horizontal), 45� and
90� (vertical) alternatively. In each combination of refriger-
ant saturation temperature and orientation angle, only
the refrigerant mass flow rate was adjusted for data
collection.

As presented in Fig. 3, the refrigerant Nusselt number
Nuf increased almost linearly with the increase of refriger-
ant Reynolds number Ref, and Nuf was larger at
Ts = 30 �C than that at Ts = 35 �C. This could be resulted
from the fact that at lower temperature, the refrigerant
latent heat is larger, leading to an increase in heat transfer
capacity. It was also observed that with respect to the three
orientation angles, the difference of Nuf at Ts = 30 �C and
35 �C was the largest at b = 0� and smaller at b = 45�
and 90�.

Table 1 summarized the experimental study on the effect
of refrigerant saturation temperature, and gave the per-
centage decrease of Nuf with respect to 5 �C increase of
Ts from 30 �C to 35 �C. The percentage decrease of Nuf

was calculated as (Nuf,1 � Nuf,2)/Nuf,1 � 100%, where sub-
scripts 1 and 2 represent the change from condition 1 to
condition 2. Nuf,1 and Nuf,2 in this case represent the values
of Nuf at Ts = 30 �C and 35 �C, respectively. Table 1 indi-
cated that when b = 0�, with 5 �C increase of refrigerant
saturation temperature, the refrigerant Nusselt number
decreased 77.53% at Ref = 80, 61.3% at Ref = 140 and
51.73% at Ref = 200. When b = 90�, with 5 �C increase of
Ts, the Nuf decreased 14.46% at Ref = 80, 26.77% at
Ref = 140 and 33.67% at Ref = 200. As a confirmation of
the observation from Fig. 3, Table 1 revealed that the per-
centage decrease of Nuf was the largest at b = 0�, the small-
est at b = 45� and intermediate at b = 90� at a given Ref. It
was also revealed from Table 1 that the percentage decrease
of Nuf increased with Ref at b = 45� and 90� and decreased
at b = 0�. This observation indicted that when the helicoi-
dal pipe was inclined above 45� from horizontal position,
the free flow capability of refrigerant R134a in the annular
section could be enhanced, resulting in a larger variation of
refrigerant heat transfer rate with respect to refrigerant
Reynolds number.

Table 2 gave the percentage decrease of Nuf with respect
to 50% drop of refrigerant flow rate by keeping the refrig-
erant saturation temperature constant at Ts = 30 �C, cool-
ing water temperature constant at Tw = 20 �C, and the flow
rate of cooling water constant at 2.2 GPM. With the drop
of refrigerant flow rate, the total amount of heat that could
be released from the refrigerant during condensation was
decreased when the other parameters were kept constant,
resulting in a decrease in refrigerant heat transfer rate.
Table 2 indicated that 50% drop of refrigerant flow rate
caused less than 50% decrease of Nuf, and the percentage
decrease of Nuf was close to each other for b = 45� and
90� and a little less for b = 0�.
Table 3 gave the percentage decrease of Nuf when the
cooling water flow rate was decreased 50%. The refrigerant
saturation temperature (Ts = 30 �C), the cooling water
temperature (Tw = 16 �C) and the refrigerant Reynolds
number (Ref = 160) were maintained constant in this case.



Table 2
Percentage decrease of Nuf with respect to 50% drop of refrigerant flow
rate (Ts = 30 �C, Tw = 20 �C, _V w ¼ 2:2 GPMÞ
b (%)

0� 45� 90�

38.71 46.15 45.66

Table 3
Percentage decrease of Nuf with respect to 50% drop in cooling water flow
rate (Ts = 30 �C, Tw = 16 �C, Ref = 160)

b (%)

0� 45� 90�

39.43 45.21 44.45

Table 4
Percentage increase of Nuf with respect to the change in b (Ts = 30 �C,
Tw = 20 �C, _V w ¼ 2:2 GPM)

Ref b (%)

0–90� 0–45� 45–90�

200 15.71 11.17 5.11
140 13.62 9.89 4.14
80 10.24 7.84 2.60

Table 1
Percentage decrease of Nuf with respect to 5 �C increase in Ts (Tw = 20 �C,
_V w ¼ 2:2 GPM)

Ref b (%)

0� 45� 90�

200 51.73 17.57 33.67
140 61.3 14.83 26.77
80 77.53 10.36 14.46
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As the flow rate of the cooling water was decreased, the
total cooling capacity decreased, resulting in less amount
of vapor to be condensed, and therefore the decrease of
refrigerant heat transfer rate, as can be seen in Fig. 4,
where the orientation effect was not obvious. Similar to
the effect of refrigerant flow rate shown in Table 2, Table
3 also indicated that 50% drop of cooling water flow rate
caused less than 50% decrease of Nuf, and the percentage
decrease of Nuf was close to each other for b = 45� and
90� and a little less for b = 0�.

Table 4 presented the percentage increase of Nuf with
respect to the orientation variation of the test section
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Fig. 4. Refrigerant heat transfer coefficient vs. cooling water Reynolds
number.
(b = 0�, 45� and 90�). At each orientation angle, the refrig-
erant saturation temperature (Ts = 30 �C), the cooling
water temperature (Tw = 20 �C) and the flow rate of cool-
ing water (2.2 GPM) were kept constant at Ref = 200, 140
and 80. It could be observed that with the increase of ori-
entation angle from b = 0–90�, Nuf increased 10.24% at
Ref = 80, 13.62% at Ref = 140 and 15.71% at Ref = 200.
With the increase of Ref, the percentage increase of Nuf

also increased. From b = 0–90�, the percentage increase
of Nuf from b = 0–45� accounted for more than two times
of that from b = 45–90�. As explained before, the free flow
capability of refrigerant R134a in the annular section could
be increased much more when the helicoidal pipe was
inclined from 0� to 45� compared with that at horizontal
position, and increased slowly from 45� to 90�.

For the present setup, a change in cooling water flow
rate or Reynolds number Rew will change the heat flux
across the wall dividing the coolant and refrigerant, there-
fore change the heat transfer coefficient Hf on the refriger-
ant side. This means there is a relationship between Hf and
Rew. This relationship can be clearly observed in the exper-
imental data presented in Fig. 4 for three values of b, which
can also be correlated as

H f ¼ 8:99Re0:58
w ð7Þ
4.2. Pressure drop

The two-phase flow pressure drop multiplier in straight
pipe is given by [14]

/2
L ¼ 1þ 20

v
þ 1

v2
ð8Þ

Xin et al. [10] suggested the following correlation for
two-phase flow pressure drop in vertical helicoidal pipe:

/2
L ¼ 1þ 10:646

v
þ 1

v2
ð9Þ

As shown in Fig. 5, it could be observed that the pres-
sure drop multipliers of the experimental data were much
lower than those predicted by Lockhart–Martnelli correla-
tion [14] or the correlation given by Xin et al. [10].

All experimental data from this study were presented in
Fig. 6 in liquid phase pressure drop multiplier versus Lock-
hart–Martnelli parameter. Least-square fitting was used to
correlate the experimental data with a correlation error of
about ±6%. The developed correlation was suggested as



Fig. 5. Comparison of pressure drop multiplier versus Lockhart–Mart-
nelli parameter.
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/2
L ¼ 1� 1:271

v
þ 1

v2
ð10Þ

Fig. 7 presented the change of liquid and vapor phase
pressure drop multipliers, /L and /G, with respect to Lock-
hart–Martinelli parameter v. The increase of v indicated
that more vapor was condensed, resulting in an increase
of liquid phase pressure drop, indicated by the decrease
of pressure drop multiplier /L as shown in Fig. 7. It was
also observed that the vapor phase pressure drop decreased
slightly as more vapor was condensed, and the helicoidal
pipe orientation showed little effect on the pressure drop
variations.
4.3. Comparisons

Present experimental data about the condensation of
refrigerant R134a in annular straight pipes were compared
to the experimental data by Jung et al. [15] for R134a in a
horizontal plain straight pipe with equivalent diameters
and similar data range of refrigerant saturation tempera-
ture Ts (40 �C) and refrigerant mass flux. The comparison
was shown in Fig. 8. It can be observed that the refrigerant
heat transfer rate was greatly enhanced in annular helicoi-
dal pipe, and with the increase of refrigerant mass flow
rate, the refrigerant heat transfer rate could be increased



Fig. 8. Comparison of vertical helicoidal pipe’s heat transfer coefficient
with that of straight pipe.

Fig. 9. Comparison with vertical helicoidal pipe having opposite flow
channel arrangement. (a) Hf vs. Rew; (b) Hf vs. G; (c) DP vs. G.
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up to two times of that in straight pipe at refrigerant mass
flow rate above 150 kg/m2s (Ref > 140). The heat transfer
enhancement by the annular helicoidal pipe is primarily
due to the fact that the curvature of the helicoidal pipe
induces secondary flow or vortex, which in turn increases
the convective heat transfer rate of the flowing refrigerant.

Experimental data obtained from condensation in the
traditional helicoidal pipe [4] with b = 90� (vertical), were
also compared with this study to investigate the effect of
flow channel arrangement. From Fig. 9, it was observed
that both heat transfer and pressure drop characteristics
were quite different from previous study because of the dif-
ference in flow channel arrangement. As mentioned earlier,
the change in Rew will affect Hf for the present experimen-
tal system. In Fig. 9a and b, for refrigerant flowing in the
traditional helicoidal pipe, the heat transfer rate of refriger-
ant R134a was decreasing with the increase of the Reynolds
number of cooling water and the mass flow rate of refriger-
ant, as presented in the following correlations:

H f ¼ 12837Re�0:32
w ð11Þ

H f ¼ 19132G�0:55 ð12Þ

While for refrigerant flowing in the annular section of
the vertical (b = 90�) helicoidal pipe investigated in this
study, the refrigerant heat transfer rate was increasing with
the increase of the cooling water Reynolds number and the
refrigerant mass flow rate, as presented in the following
correlations:

H f ¼ 3:75Re0:68
w ð13Þ

H f ¼ 3:05G1:31 ð14Þ

As shown in Fig. 9a, at Rew � 2000, refrigerant flowing
in the inner helicoidal pipe could provide two times larger
Hf than that in the annular section; at Rew � 4000, refrig-
erant flowing in the annular section of the helicoidal pipe
became better, and could have more than two times larger
Hf at Rew � 9000. For the comparison in terms of the mass
flow rate of refrigerant (G), as shown in Fig. 9b, refrigerant
flowing in the annular section of the helicoidal pipe could
provide about 10% less Hf at G < 110 kg/m2 s and 100%
more at G > 160 kg/m2s. This may be resulted from the fact
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that the flow mechanism in the annular helicoidal pipe is
different from that in the traditional helicoidal pipe, further
explanation of the mechanism is under investigation.

Fig. 9c presented the comparison with respect to the
pressure drop. It was observed that refrigerant flowing in
the annular section of the helicoidal pipe could generate
larger pressure drop than that in the inner helicoidal pipe.
For refrigerant flowing in the inner helicoidal pipe [4]:

P D ¼ 4:5G0:26 ð15Þ
For that in the annular section

P D ¼ 0:0079G1:65 ð16Þ
The correlations revealed that the pressure drop could

increase much larger with the increase of refrigerant mass
flow rate when the refrigerant was flowing in the annular
section of the helicoidal pipe than that in the inner helicoi-
dal pipe. Beside the difference of cross-sections, the hydrau-
lic diameter of the annular helicoidal pipe (8.5 mm) is much
smaller than that of the inner helicoidal pipe (21.2 mm).
Thus, at fixed flow rate, the arrangement of refrigerant
flowing in the annular section of the helicoidal pipe could
cause larger velocity fluctuation and turbulence variation,
which could enhance the refrigerant heat transfer and in
the mean time increase the pressure drop.

5. Conclusions

Condensation heat transfer and pressure drop charac-
teristics of R134a in annular helicoidal pipe were experi-
mentally investigated at three different orientations: 0�
(horizontal), 45�, and 90� (vertical). Studies on the effect
of individual parameter revealed that the refrigerant Nus-
selt number was larger at lower refrigerant saturation tem-
perature, and would increase with the increase of mass flow
rates of both refrigerant and cooling water. When the ori-
entation increased from 0� to 90�, the percentage increase
of refrigerant Nusselt number from 0� to 45� accounted
for more than two times of that from 45� to 90�. When
more refrigerant vapor was condensed in the annular heli-
coidal pipe, the liquid phase pressure drop increased while
the vapor phase pressure drop decreased slightly. The ori-
entation effect was not obvious on the pressure drop in
annular helicoidal pipe flows. Compared with equivalent
plain straight pipe, annular helicoidal pipe could have up
to two times larger refrigerant heat transfer coefficient
when the refrigerant Reynolds number was larger than
140. While compared with identical helicoidal pipe with
opposite flow channel arrangement, the refrigerant heat
transfer rate was larger when the refrigerant was flowing
in the annular section at the water Reynolds number larger
than 4000. Refrigerant flowing in the annular section
would result in larger pressure drop than that in the inner
helicoidal pipe.
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